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Annotation of Disertation Thesis: 

 This thesis deals with numerical modelling of the flow inside the hydrodynamic pump with 

low specific speed. The geometry of the hydraulic parts was defined according to pump with the 

impeller that was designed at the Victor Kaplan Department of Fluid Engineering, Energy Institute, 

Technical University Brno.  

The main objective was to determine pump performance characteristics (variation of head, 

power consumption and efficiency on the flow rate) as well as radial and axial forces using 

computational fluid dynamics. Two approaches to rotor stator interaction were applied: Moving 

Reference Frame and Moving Mesh. The method MRF provides only stationary solution of values, 

but the Moving Mesh approach shows time variation of them and enables to account for interaction 

of impeller and volute. Different turbulence models and solution parameters were tested. The entire 

operating range from Q = 0 to Qmax considered in the design was investigated.   

Most of the calculation was performed on simplified geometry consisting only of three parts: 

intake, impeller and volute. In case of axial thrust prediction the geometry including also the pump 

casing was applied. The obtained results were compared with the experimental data and the 

theoretical assumptions. Both advantages and limitations of the numerical modelling are presented. 

The applied methods can be utilized as an appropriate approach to treat complex turbulent flow 

encountered in hydraulic machines. 

 

Anotace disertační práce: 
 
 Předmětem disertační práce je numerické modelování proudění v hydrodynamickém 

čerpadle s nízkou hodnotou rychloběžnosti. Geometrie čerpadla byla definována na základě 

skutečné realizace čerpadla navrženého na Odboru fluidního inženýrství Victora Kaplana VUT v 

Brně.  

 Hlavním cílem práce je predikce charakteristik čerpadla (průběh dopravní výšky, příkonu a 

účinnosti v závislosti na průtoku) a dále určení radiální a axiální síly v celém rozsahu vyšetřovaných 

průtoků. Byly použity dva rozdílné přístupy k modelování statoru a rotoru, a to technika Multiple 

Referce Frame vedoucí na stacionární řešení úlohy a Moving Mesh spočívající v řešení časově 

závislé úlohy. 

  Většina výpočtů byla realizována pro zjednodušenou geometrii sestávající ze vstupní části, 

oběžného kola a spirály. V případě predikce axiální síly byla tato geometrie doplněna i o vlastní 

těleso čerpadla. Výsledky získané pomocí numerického modelování byly srovnány s měřenými 

charakteristikami čerpadla i teoretickými předpoklady.  

 Je poukázáno na přínos numerického modelování pro vyšetřování proudění v komplexní 

geometrii hydraulických strojů stejně jako i na určitá omezení.   
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Nomenclature 

ROMAN LETTERS 
 

Symbol Unit Quantity 

   

b [m] width of channel in the meridional section 

b2 [m] impeller outlet width 

c [m.s
-1

] absolute velocity 

cm [m.s
-1

] meridional velocity 

cu [m.s
-1

] 
circumferential component of absolute 
velocity 

d [m] general diameter 

f [s
-1

] frequency 

g [m.s
-2

] acceleration due to gravity 

h [m] height 

k [m
2
.s

-2
] turbulent kinetic energy 

l [m] length 

n [rad.s
-1

] rotational speed 

ns [rad.min
-1

] specific speed 

p [N.m
-2

], [Pa] pressure, static pressure 

q [m
3
.s

-1
] volumetric flow rate of flow back 

r [m] radial coordinate in turbo machine, radius 

t [s] time 

u [m.s
-1

] 
velocity, peripheral velocity of impeller or 
tangential velocity of impeller 

ui [m.s
-1

] velocity component 

v [m.s
-1

] velocity 

w [m.s
-1

] relative velocity 

z [m], [1] elevation, number of blades 

   

A [m
2
] cross-sectional area 

CL [1] lift coefficient 

CM [1]  momentum coefficient 

D [m] diameter 

E [J.kg
-1

] specific energy 

F [N] force 

Fa [N] axial thrust 

Fr [N] radial force 

H [m] total head rise 

K [1] coefficient 

M [N.m] moment, torque 

P [W], [kW] power 

Ph [W], [kW] hydraulic power 

Qv [m
3
.s

-1
], [dm

3
.s

-1
]  flow rate, capacity 



 

 

Qm [kg.s
-1

] mass flow rate 

R [m.s
-2

] force per unit mass 

Re [1] Reynolds number 

S [m
2
] area of volute’s cross-section 

T [N.m] torque 

V [m
3
] volume 

Y [J.kg
-1

] specific energy 

   

 
GREEK LETTERS 
 

Symbol Unit Quantity 

   

 [
o
], [rad] 

angle of the absolute velocity vector from 
the circumferential direction 

 [
o
], [rad] 

angle of the relative velocity vector from 
the circumferential (tangential) direction 

 [N.m
-3

] specific weight 

 [m
2
.s

-3
] turbulent dissipation rate 

 [
o
], [rad] orientation angle 

 [1], [%] pump efficiency 

h [1], [%] hydraulic efficiency 

v [1], [%] volumetric efficiency 

m [1], [%] mechanical efficiency 

 [Pa.s]  dynamic viscosity 

t [Pa.s]  turbulent viscosity 

eff [Pa.s]  effective viscosity 

 [m
2
.s

-1
] kinematic viscosity 

 [kg.m
-3

] density of fluid 

k [1] emprical constant 

 [1] emprical constant 

 [
o
], [rad] orientation angle 

 [rad.s
-1

] angular velocity 

 [s
-1

] specific dissipation rate 

 
 
SUBSCRIPTS on any variable, Q: 
 

Q0 initial value, total value 

Q1 value at the impeller blade leading edge 

Q2 value at the impeller blade trailing edge 

Qn nominal value 

Qr component in the radial direction 

Qs component in the s direction 

Qth theoretical value (for theoretical flow conditions) 

Qi pertaining to a section, i, of the hydraulic system 

Qopt operation at maximum (best) efficiency (BEP) 



 

 

Qsp value at seal (Figure 30) 

  
ABBREVIATIONS 
 

BEP Best Efficiency Point 

CFD Computational Fluid Dynamics 

DNS Direct Numerical Simulation 

LES Large Eddy Simulation 

MRF Moving Reference Frame model 

NPSH Net Positive Suction Head 

RANS Reynolds-Averaged Navier-Stokes (equations) 

RNG Re-Normalization Group 

SMM Sliding Mesh Model 

SST Shear Stress Transport 

  

  

Remark: Other variables that are not mentioned here are explained in the text
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1. Introduction 

Pumps are used very commonly to provide a fluids transport through hydraulic systems. Since 

they serve diverse needs, pumps differ in types as well as in size. Pumps had a stage long-term 

development and are often designed by the hydraulic parameters. From these parameters, based on 

the formulae and the basic relationship, the shape of the pumps is calculated and designed. At 

present the design of pumping stations in Vietnam often use catalogue of China. In Vietnam, the first 

pumping station was built in 1928, completed in 1932, established 3 vertical centrifugal pumps run 

with oil engine, providing flow rate around 9 m
3
.s

-1
. Through different periods, in the North of Vietnam 

other types of pumps are used mostly from the Soviet Union, in the South of Vietnam, the U.S. and 

Japan pumps are often applied. Currently, most types of small pumps are of domestic production, 

while other lager types are depending on investors or the company designed, are used from various 

countries in the world. The largest production is Hai Duong Pump Manufacturing Joint Stock 

Company with web site in English: <http://www.hpmc.com.vn/Homepage/2/0/163/Home.aspx>. 

Pumps are very important in life. Pumps are used in water supply for agriculture, industry, 

human life, and other liquid handling applications. Some products are used in heat transfer 

applications or fluid flow and heat transfer applications. Others are designed to transport a heat 

transfer fluid or coolant. The system is defined by the type of the pump, material of construction, type 

of pumped liquid, field of applications, pressure and flow rate, and other aspects.  

Centrifugal pump technology involves a board spectrum of flow phenomena which have a 

profound impact on design and operation through the achieved efficiency, the stability of the head-

capacity characteristic, vibration, noise, component failure due to fatigue, as well as material 

damage caused by cavitation, hydro-abrasive wear or erosion corrosion. Operation and life cycle 

costs of pumping equipment depend to a large extent on how well these phenomena and the 

interaction of the pump with the system are understood. 

The design of pumps is topical problem since many years. The researches try to optimize 

pumps shape as well as their function and operation. For better understanding of phenomena 

connected with flow through the pump experimental and numerical investigation can be applied. The 

design of pump requires more calculation; the investigation of operation characteristic curve of pump 

also needs more experimental measurement. Nowadays, with the aid of computer and advanced 

software, new shape of pump can be created, and the flow through the pump can be modelled 

numerically on computer. The results must be verified by physical experiment.  

The dissertation deals with the investigation of single-stage centrifugal pump designed at the 

Victor Kaplan Department of Fluid Engineering, Energy Institute, Technical University of Brno. 

Numerical modelling has been applied as a tool for the pump performance prediction. This may be 

important especially in cases when the pump specific speed is out of the common range and can 

help to investigate pump performance under various operational conditions.  
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2. State of the art 

Past 50 years have brought new trends in pump design, manufacturing, installation and 

operation. Design has progressed from slide rule and graph paper to experimental and numerical 

analysis using advanced methods of flow variables measurement and three-dimensional computer 

modelling. This has brought a new insight into the understanding of fluid flow and phenomena 

connected with energy transfer in a pump. To transfer a design concept to product can now be 

completed very quickly.  

Machining has switched from multiple machine operations on hand operated lathes and 

milling machines to multipurpose machining centres. The accuracy increased and surface finish has 

improved. New materials were introduces like special steels, ceramics, teflon, plastics and others. 

New non-metals have made possible tiny pumps for human implant. Ceramics and tungsten/silicon 

carbide have vastly reduced wear rates in pumps of all sizes.  

More care is now devoted to the pump installation and operation. Automatic control enables to 

keep the pump on its operating curve over its best efficiency range. This leads to improvement in 

pump life. 

Increased environmental protection gave a real boost to pumps without shaft seals. Magnetic 

drive and canned motor units have thrived and even produced a hybrid combining the two 

technologies. Pump shaft sealing has also changed dramatically. Asbestos in packing is outlawed 

and today the vast majority of new pumps are supplied with mechanical seals, often in factory-

assembled cartridge format to avoid the risk of face damage during handling [40]. 

There are many types of pumps that have been studied and developed, including centrifugal 

pumps. Yet there is not one pump ideally suited for every application, there are still many issues that 

need to be improved to enhance performance and specific parameters for each case. The design is 

not only focused on geometry and shape definition but also on optimisation of some design 

parameters to find the optimal operating point and investigate the Q~H (or Q~Y) curve stability. Flow 

field optimization by CFD methods enables significant improvements in both pump efficiency and 

suction performance. 

Computational fluid dynamics (CFD) is equal partner with theoretical and experimental fluid 

dynamics in the analysis and solution of fluid dynamic problems. CFD synergistically complements 

the two approaches but can never replace them [3].  

The end of the second millennium has brought enormous emphasis on computer applications 

in nearly all fields of engineering. Using CFD, it is possible to investigate the stationary and time 

dependent flow field in complex geometries. There are many commercial codes like FLOW-3D, 

FLOTRAN, STAR-CD, N3S, CFD-ACE, FLUENT, CFDS-FLOW3D, and NISA/3D-FLUID [3] that can 

be applied for this purpose. Nowadays, numerical simulation is often applied to replace physical 

prototypes. CFD enables to investigate the flow field in a pump in details and to propose 

improvements that can be further tested without building the prototype.  
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3. The main objectives of the thesis 

Pump‘s characteristic curves describe the variation of head, power consumption, efficiency 

and NPSH on the flow rate. They are obtained by measurement and provided by pump producers. 

During the process of pump design, numerical modelling can be applied as a tool for the pump 

performance prediction. This may be important especially in cases when the pump specific speed is 

out of the common range and can help to investigate pump performance under various operational 

conditions. In addition, it is required to optimize the pump not only for the best efficiency point, but to 

investigate the entire operating range of Q = 0 to Qmax considered in the design.  

The main objective of the doctoral thesis was to determine pump performance characteristics 

using numerical modelling of the three-dimensional viscous fluid flow. 

The attention was focused on: 

 evaluation of different approaches to rotor-stator interaction modelling 

 evaluation of the influence of computational grid quality 

 determination of Q~H curve and its stability 

 determination of Q~ curve  

 prediction of the radial force in centrifugal pump 

 prediction of the axial force in centrifugal pump 

 comparison of experimental results with the results obtained with numerical simulation 

 application of various methods of post processing (concerning efficiency) 

 investigation of the mathematical model's restrictions. 

 As a tool for numerical modelling, Fluent software package was being applied. The 

numerical investigation was done on the pump designed at the Victor Kaplan Department of Fluid 

Engineering, Energy Institute, Technical university Brno.  

For comparison and verification of calculated data the measured performance curves of the 

given pump and statistical data collected from proven similar hydraulics were used. 
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4. Numerical Modelling of the Pump Flow  

Two-dimensional model does not correspond to reality and that is why complex three-

dimensional problem must be modelled. For the numerical modelling CFD code FLUENT Release: 

6.3 was applied. The incompressible, unsteady (and steady to compare) was modelled in 3D 

geometry. The RANS (RNG k-ε model and k-ω SST model for last case) has been applied to a 

strongly unsteady flow. 

Geometry of the Impeller and Volute (resources) was defined according to design prepared in 

VUT Brno, see Figure 1. 

 

Figure 1 Geometry of the Impeller and Volute (from VUT-Brno) 

 
Basic parameters: 

Discharge   Q = 7 dm
3
.s

-1 = 0.007 m
3
.s

-1 

Head water  H = 80 m 

Speed  n = 2 900 min
-1 

Density   = 1 000 kg.m
-3 

The impeller and the volute were modelled together to account for their interaction and 

resulting dynamic effects.  

A computational grid was prepared in Gambit respecting the designed dimensions and shape 

of impeller and volute. Two different grids were prepared, one consisting of 233 259 cells and the 

second one with refined boundary layer with 802 555 cells. The grid of inlet (suction pipe), impeller 

and diffuser (spiral) were connected through interfaces. The detail of the grid for both conformal and 

non-conformal mesh can be seen on Figure 2. After grid adaption in FLUENT code, the final grid 

consisted of 1 028 416 cells. 
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Grid non-conformal 233 259 cells 
 

 

Grid for conformal 802 555 cells 
 

Figure 2 Cross section of geometry 

 

With the conformal grid, the cells on the interfaces between inlet and impeller, impeller and 

diffuser have similar size and shape. This preserves many quantities in the calculating. 

Boundary conditions were set according to the physical experiment: 

- inlet: mass flow rate 

- outlet: outflow condition 

The relative flow rate has been changed from 0.014 to 2 (multiple of optimal flow rate). The 

computational parameters leading to the most reasonable result were as follows: 

- pressure based solver, 3D, non-stationary, isothermal, turbulent flow. 

- k-ω SST (2 equations). 

- unsteady formulation: 1st Order Implicit. 

- time step: 0.0001 [s], max. iterations per time step 20. 

All the simulations had to be run for long time. However the calculations were run for a long 

period, the calculated flow time in all tested did not exceed 0.3s, which means that it is difficult to 

compare the statistical data with experimental measurement, hence we compared data in these 

cases together (k-ε or k-ω, time depend or steady, non-conformal or conformal grid). The first part of 

numerical modelling was focused on testing selected turbulence models and approaches to rotor 

modelling. 
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5. Comparison of RNG k- and SST k-ω model with 

measurement 

The computational mesh was further refined to 1 028 416 cells. The main objective was to 

increase the number of grid cells near the blades. Based on Boundary Layer method, Adapt function 

was applied, which leads to increase of the number of cells. Finally, the number of cells was 1 028 

416. RNG k-ε model and SST k-ω model were applied.  

The RNG model was developed using Re-Normalisation Group methods to account for the 

effects of smaller scales of motion. In SST k-ω model transport equations are defined for k (turbulent 

kinetic energy) and ω (specific dissipation rate). This model has especially good performance in 

solution of the flow near wall (boundary). The results in Figure 3 show non dimensional head with 

value at max, min, and average. 

The results are shown below from Figure 3 to Figure 14. 

 

Figure 3 Head at outlet of diffuser for cases RNG k-ε and SST k-ω  
 

From this comparison we can conclude that the RNG k-ε model predicted higher values of 

Head especially for lower values of the flow rate. 

Detail of head oscillation for 0.0207 [s] (one round) was investigated for various values of 

relative flow rate and is illustrated in Figure 4. 

0 

0.2 

0.4 

0.6 
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1 

1.2 

1.4 
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H
ea

d
 ]1
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max k-omega average k-omega 

min k-omega max k-epsilon 

average k-epsilon min k-epsilon 

Measure 
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Figure 4 Variable cycle of headwater at outlet in time for difference flow rates 
Regular oscillations of head can be observed, the magnitude of which decreases with growing 

flow rate and reaches the minimum for optimal flow rate. The time period of harmonic function T = 

0.0042 [s] and the frequency f = 1/T = 241 [s
-1

], which corresponds to frequency of rotation 48.33 s
-1

 

multiplied by number of blades. 

To illustrate the results, the contours of static pressure, axial, radial and tangential velocity for 

Q = 1 [1], k-omega model and unsteady flow are presented from  Figure 5 to Figure 8. 

 
Figure 5 Static Pressure on Radial Cross-

Section 

 
Figure 6 Axial Velocity on Radial Cross-

Section 

 
Figure 7 Radial Velocity on Radial Cross-

section 

 
Figure 8 Tangential Velocity on Radial cross-

section 
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Convergence history of velocity magnitude was determined for various values of flow rate to 

evaluate the range of oscillation (see Figure 9).  

  

Figure 9 Graph of speed max on impeller with 
flow rate Q = 7 dm

3
.s

-1
 

 

Figure 10 Graph of speed max on impeller 
with flow rate Q = 5 dm

3
.s

-1
  

We can see that velocity magnitude is nearly constant in time which corresponds to Figure 9, 

where minimal oscillations were evaluated for optimal value of flow rate. With decreasing flow rate 

the variation of velocity magnitude in time increases, as can be seen form Figure 10 to Figure 14.  

 

Figure 11 Graph of speed max on impeller 
with flow rate Q = 1 dm

3
.s

-1
  

 

Figure 12 Graph of speed max on impeller 
with flow rate Q = 0.5 dm

3
.s

-1
  

 

Figure 13 Graph of speed max on impeller 
with flow rate Q = 0.3 dm

3
.s

-1
 

 

Figure 14 Graph of speed max on impeller 
with flow rate Q = 0.1 dm

3
.s

-1
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These pictures show velocity magnitude variation in time for each blade. The impeller has five 

blades, and result is the same for one round, but for one fifth of round, the max or min velocity is 

changing. 

The differences of max and min velocity are listed in the following table: 

Table 1 The range of oscillation of velocity amplitude on blade 

Flow rate [dm
3
.s

-1
] 0.1 0.3 0.5 1 5 7 

Min value [m.s
-1

] 44.4 44 43.8 43.3 37.7 37.7290 

Max value [m.s
-1

] 54.4 53.8 52.8 51.5 41.6 37.7575 

Difference  [m.s
-1

] 10.0 9.8 9.0 8.2 3.9 0.0285 

 

For Q = Qo, the difference value is minimum 0.0285 m.s
-1

, and it is increasing with decreasing 

values of flow rate. For Q = 0.1 it reaches to 10 m.s
-1

. Oscillations become significant for low values 

of flow rate Q. It is evident, that prediction of pump performance in case of low flow rates will be less 

accurate. For these cases it was difficult to achieve converged solution.  
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6. Physical experiment 

The physical experiment was carried out by Sigma Lutín group. Q~H curve was measured as 

well as Q~P and Q~eta curve. The test results are shown below. The data from measurement were 

compared with results obtained by numerical modelling.  

 
Figure 15 Pump performance curves(from Sigma Lutín group) 
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It can be observed that the Q~H curve is very flat in the range of flow rate from 0 dm
3
.s

-1
 to 5 

dm
3
.s

-1
 and there is a risk of instability. The Q~H curve exhibits a tendency to fall towards shut-off; 

this type of instability is called “F instability” and is typical in case of low specific speed Error! 

eference source not found.. The lower the specific speed, the higher is the tendency of a pump 

towards this type of instability; above nq = 25 to 30 such instabilities are rather an exception.  

The measured head corresponding to the flow rate of 7 dm
3
.s

-1
 is higher than assumed in the 

pump design and reaches about 85 m. Efficiency is about 58%.  

The measured data were compared with results obtained with numerical modelling. For this 

purpose the adapted conformal mesh with 1 028 416 was used. SST k-ω model was applied. 

Modelling was carried out for flow rates ranging from 0 dm
3
.s

-1
 to 14 dm

3
.s

-1
, i.e. non dimensional 

flow rate varying from 0 to 2. Unsteady model was applied. 

The solution parameters were defined as follows: 

Boundary conditions were set according to the physical experiment: 

- inlet: mass flow rate was set from 0.1 dm
3
.s

-1
 to 14 dm

3
.s

-1
 with these values: 0.1; 0.3; 0.5; 

1; 1.5; 2; 3; 4; 5; 6; 7; 9; 11; 13; 14, and the direction vector inlet with x = -1, y = 1, z = 1. 

- outlet: outflow condition  

The relative flow rate has been changed from 0.014 to 2 (multiple of optimal flow rate). The 

computational parameters leading to the most reasonable result were as follows: 

- pressure based solver, 3D, non-stationary, isothermal, turbulent flow. 

- k-ω SST (2 equations). 

- unsteady formulation: 1st Order Implicit. 

- time step: 0.0001 [s], max. iterations per time step 20. 

The precision of residual was set to 10
-4

 for omega and to 10
-6

 for continuity, x-velocity, y-

velocity, z-velocity, and k. 

During the computation, the option of monitoring of selected parameters was applied to obtain 

data for further evaluation.  

6.1. Comparison of Q~H curve  

 
To compare relationship Q~H with Figure 15, the results obtained with SST k-ω model and 

adapted grid were used. The comparison is in figure below: 
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Figure 16 Relationship Flow rate Q [1] ~ Head H [1] 
 

 

The measured Q~H curve exhibits suspicion of instability, which was not proved by numerical 

investigation, however it must be emphasized again, that for low values of the flow rate the 

inaccuracy in head prediction must be expected. Behind the non-dimensional flow rate of 1,857 [1] a 

sudden head drop can be observed in case of measurement, which can be caused by cavitation. In 

numerical simulation cavitation model was not included. Around the best efficiency point (BEP) the 

results are in good agreement.  

 

6.2. Comparison efficiency curve 

 

Figure 17 Relationship of Flow rate and Efficiency 
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At design point with flow rate Q = 7 dm
3
.s

-1
, the hydraulic efficiency evaluated from measured 

data and hydraulic efficiency predicted by numerical modelling are in good agreement. But for lower 

and also higher values of flow rate calculated efficiency and measured efficiency have larger 

imparity. In the chapter 8, the efficiency will be calculated with new model which includes also the 

pump casing.. 

6.3 The dissipation function 

Another possible approach to determine the hydraulic efficiency is based on evaluation of 

dissipation performance. 

The hydraulic efficiency includes all hydraulic losses between the suction and discharge 

nozzles, i.e. in the inlet, impeller, diffuser and discharge casing. It is possible do derive the input 

power of the pump Pc: 

    
S

kksc ndScgradQQYYDQYP
~

2

12
2

2


  

sv

v
h

DYQ

YQ

2




  

(1) 

For fluid mechanical energy loss per unit time (power dissipation) expression is valid  


V

ijij dVSSD 2

 
(2) 

Small deformation tensor is defined 
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j
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x

u

x

u
S

2

1

 

(3) 

Graphic evaluation of the strain rate in the impeller and the spiral in the range up to 5000 s
-1

 

shows the opposite trend for the wheel and spiral. In the case of impeller deformation speed 

decreases with increasing flow rate (Figure 21), (Figure 22) shows a spiral where the speed of 

deformation on the contrary increases with increasing flow (Figure 23) (Figure 24). 

The distribution of dissipation function was obtained near the point of zero discharge. 

Diagrams are shown on Figure 21 to Figure 25. The stability is favourably influenced inside of the 

runner, on the contrary of flow inside of the spiral case. The cause of instability is consequently 

found out in the spiral case. Therefore the hydraulic design of this part of the pump is very important 

for Q~Y stability. 

The next research has to be aimed first of all to spiral case design. 

The distribution of dissipation function was computed near the point of zero discharge and at 

the point of best efficiency, too. It is possible to say, that local swirl in the runner has extensive 

influence for the dissipative energy (big value of dissipative energy). Big values of dissipative energy 

are at the output of the runner to spiral case, too. In the spiral case are big values of dissipative 

energy in region of nose. Results are motivating in the process of hydraulic design. 
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The volume integral is computed by summing the product of the cell volume and the selected 

field variable: 

 



n

i

iiVdV
1

  (4) 

6.3.1 Dissipation function in laminar pipe flow 

To verify the method, the steady flow in a horizontal pipe of constant cross-section (diameter 

d = 15mm) and length l = 1m was modelled as 3D problem. To ensure laminar flow, high viscosity 

liquid was defined to reach low Reynolds number. The basic parameters and physical constants are 

defined in the Table 2 below. 

Table 2 Pipe parameters in case of laminar pipe flow 

Pipe parameters  

Pipe diameter d = 0.015 m 

Pipe length l = 1 m 

Mean pipe velocity v = 6 m.s
-1

 

  

Liquid: Engine-Oil 

Density = 889 kg.m
-3
 

Dynamic viscosity  = 1.06 Pa.s 

Kinematic viscosity  = 0.001192 m
2
.s

-1
 

 

Flow of a fluid in a pipe requires mechanical energy. In a horizontal pipe of uniform cross-

section and steady flow, the mechanical energy is completely dissipated as there is no acceleration 

and no change in the potential energy. The pressure drop (friction loss) along the pipe length l can 

be calculated using the Darcy-Weisbach formula: 

 Pa904533.3889
2

6

015.0

1
8478.0

2

22

 
v

d

l
p  (5) 

where  means friction coefficient  

8478.0
48.75

64

Re

64
  (6) 

and Reynolds number corresponds to laminar flow 

48.75
001192.0

015.06
Re 









dv
. 

 
(7) 

The calculated power loss: 

 W1.9593.9045336
4

015.0

4

22







pv
d

pvSpQP vz  (8) 
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 Numerical modelling has been carried out in Fluent. 3D geometry of the pipe has been 

created in pre-processor Gambit, computational grid was generated with boundary layers at walls. 

The reason of 3D solution was the evaluation of volumetric integral according to (4).  

Inlet boundary condition was defined by parabolic velocity profile corresponding to laminar 

flow. The pressure at the inlet and outlet cross-section of the pipe was obtained as Area weighted 

average. Using these values, pressure drop along the distance l was determined 

 PapFluent 806.6908  (9) 

Using the procedure 2^ratestrainegralintvolumefunctionfieldCustom    

 3-2ms913.1648 dVSS ij

V

ij  (10) 

Assuming constant laminar viscosity 

 W967.95472   dVSSED ij

V

ij  (11) 

The difference of 8 W can be caused by slightly different pressure loss but it is less than 1%.  
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Figure 18 Laminar pipe flow-comparison of theoretical and calculated velocity profile 

 

 

Figure 19 Laminar pipe flow - evaluation of strain rate prediction in the cross-section 
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Figure 20 Laminar pipe flow - evaluation of strain rate prediction along the pipe length 
 

6.3.2 Dissipation function in turbulent pipe flow 

The same simulation was done for turbulent pipe flow. The basic parameters and physical 

constants are defined in the Table 3 below. 

Table 3 Pipe parameters in case of turbulent pipe flow 

Pipe parameters  

Pipe diameter d = 0.015 m 

Pipe length l = 1 m 

Mean pipe velocity v = 4.5 m.s
-1

 

  

Liquid: Engine-Oil 

Density = 998.2 kg.m
-3
 

Dynamic viscosity  = 0.001003 Pa.s 

Kinematic viscosity  = 0.000001 m
2
.s

-1
 

 

Calculated value of the Reynolds number corresponds to the smooth pipe turbulent flow 

67000
101

015.05.4
Re

6












dv
 (12) 

The friction coefficient λ was calculated using Blasius formula    

 1019653.0
67000

3164.0

Re

3164.0
44

  (13) 
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The pressure drop (friction loss) along the pipe length l can be calculated using the Darcy-

Weisbach formulae: 

 Pa13241.972.998
2

5.4

015.0

1
019653.0

2

22

  sv

d

l
p  (14) 

The calculated power loss 

 W53.1097.132415.4
4

015.0

4

22







pv
d

pvSpQP zvz
      (15) 

 Numerical modelling has been carried out in Fluent. 3D geometry of the pipe has been 

created in pre-processor Gambit, computational grid was generated with boundary layers at walls. 

The reason of 3D solution was the evaluation of volumetric integral according to (4).  

Inlet boundary condition was defined by power law velocity profile corresponding to turbulent 

flow in a smooth pipe. The pressure at the inlet and outlet cross-section of the pipe was obtained as 

Area weighted average. Using these values, pressure drop along the distance l was determined 

 PapFluent 13288.96  (16) 

It can be seen that the pressure drop defined in Fluent is in good agreement with previous 

calculation. The difference is about 0.355%. 

The prediction of the dissipated power was less successful. In turbulent flow we must account 

for the turbulent viscosity the prediction of which much depends on the applied turbulent model and 

the grid quality. The turbulent viscosity is dependent of the properties of the flow itself, it can chase 

with coordinates and in time. In the Table 4 below the range of molecular, turbulent and effective 

viscosity is presented, which was defined by numeric simulation. 

Table 4 The range of viscosity 

Molecular (dynamic) viscosity  = 0.001003 Pa.s 

Turbulent viscosity turb. = 0.003561 – 0.157 Pa.s 

Effective viscosity eff. = 0.004564 – 0.158 Pa.s 

 
It can be seen that the viscosity is significantly changing within the whole pipe volume.  

Using the “Custom field function”, the ”strain rate” can be multiplied by defined viscosity and then 

integrated over the volume. By this procedure the dissipated power should theoretically be defined.  

The results obtained by this approach are given in Table 5. 

Table 5 Dissipated power 

Definition of viscosity Dissipated power 

Molecular (dynamic) viscosity  = 4.25 W 

Turbulent viscosity turb. = 22.29 W 

Effective viscosity eff. = 26.54 W 

Calculate dissipated power 10.53 W 
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It is evident that numerical simulation of this turbulent pipe flow leads to nearly three times 

higher values of dissipated power if effective viscosity is accounted for. 

Further attempts were made to investigate the influence of turbulence models, grid quality and 

the near wall modelling technique. For the mesh in the near-wall region, different strategies had 

been tested [12]. 

 

3D_1 - 771.012 cells 

 

3D_2 - 1.892.824 cells 

 

3D_4 - 2.484.000 cells 

 

3D_5 - 2.724.000 cells 

In spite of the extended testing of turbulent models applied on different grid, no unique grid or 

turbulence model can be mentioned as the most suitable. The results differed in hundreds of 

percent. The most accurate results if compared with the calculation according to (15) were reached 

with 3D_1 grid, which was further adapter to reach the value of Y* near 11. Non equilibrium wall 

function was applied. It can be concluded, the control of grid quality and appropriate technique of 

wall bounded flow modelling is of great importance in this case. The quality of the near-wall mesh 

can be controlled by displaying the values of Y*, which is the distance between the cell centroid and 

the wall for wall-adjacent cells defined by [12]: 
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  PP yCk
y




4/12/1
*

 (17) 

where 

      von Kármán constant (=0.42)   [1] 

 E     empirical constant (=9.81)  [1] 

 up    mean velocity of the fluid at point P [ms 
-1
] 

 kp     turbulent kinetic energy at point P [m
2
s

-2
] 

 yp    distance from point P to the wall  [m] 

      dynamic viscosity of the fluid   [kgm
-1
s

-1
] 

The parameters Y*, Y+ are solution dependent and they can significantly change with the 

variables governing the flow as well as with grid adaption. From the testing of turbulent pipe flow no 

unique conclusion and recommendations for optimum definition of the grid quality and choice of 

turbulent model can be derived in this case.  

6.3.3 Evaluation of dissipated power in hydrodynamic pump 

Based on the testing on the simple pipe geometry, as the next step the evaluation of 

dissipated power was done on the modelled hydrodynamic pump. The main objective was estimating 

of the contribution of individual pump components to the hydraulic losses, however there exact 

quantities were not expected to be reached. 

Distribution of the strain rate was evaluated near the point of zero discharge and for optimal 

flow rate. Graphic evaluation of the strain rate in the impeller and the volute in the range up to 5000 

s
-1

 shows the opposite trend for the impeller and volute. In the case of the impeller the deformation 

speed (strain rate) decreases with increasing flow rate (Figure 21), (Figure 22). 

(Figure 23) and (Figure 24) show a volute where the speed of deformation on the contrary 

increases with increasing flow rate. It is possible to say, that local swirl in the runner has extensive 

influence on the dissipative energy (big value of dissipative energy). Big values of dissipative energy 

are at the output of the runner to volute casing, too. In the volute case, there are big values of 

dissipative energy in the region of volute tongue. Results are motivating in the process of hydraulic 

design. 
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Figure 21 Strain Rate, impeller, Q = 1 dm
3
.s

-1
 

 

Figure 22 Strain Rate, impeller, Q = 7 dm
3
.s

-1
 

 

Figure 23 Strain Rate Sij, diffuser, Q = 1 
dm

3
.s

-1
 

 

Figure 24 Strain Rate, diffuser, Q = 7 dm
3
.s

-1
 

The power dissipation is shown on total pump and these parts: intake, impeller, and diffuser  

 

Figure 25 Dissipation function - overview 

 

The distribution of dissipation function was smallest at Q = Qo, that is also point of best 

efficiency.  
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7. Radial force 

The pressure rise in the impeller generates hydraulic forces and moments which act on the 

rotor. In particular forces in axial and radial direction are significant for appropriate sizing of shaft and 

bearings. While the radial forces is determined by the pressure distribution around the impeller 

circumference, the axial forces is governed by the flow through the impeller sidewall gaps and the 

resulting pressure distribution on the shrouds [18]. 

Both radial and axial hydraulic forces act on the impeller of a centrifugal pump. The radial 

forces are due to three different mechanisms: 

 radial thrust due to non-uniform pressure distribution around the impeller 

 labyrinth forces 

 impeller-diffuser interaction forces. 

7.1. Introduction 

The radial force of the impeller is caused by non-uniform pressure distribution around the 

impeller periphery in centrifugal pump. The value of radial force often is minimal in the best 

efficiency, but depend experiment from VUT-Brno, the minimal value is min at point which has flow 

rate Q is a bit higher than Qo. The value of radial force grows high with both lower and higher flow 

rate. As a result shaft deflection appears, the consequences of server shaft deflection include high 

wear rate on bearings, shaft seal leakage, and fatigue bending of the pump shaft. 

Design of the volute can affect behaviour and magnitude of radial force. For example double 

volute (Figure 26) has constant value of radial force over range of capacity, but usually the efficiency 

decrease. Figure 26 shows relation between radial force and capacity for commonly used type of 

volute casing. 

 

 

Figure 26 The shape of the volute casing and radial thrust [11] 
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Numerical modelling was also applied to investigate the flow in this centrifugal pumps. 

7.2. Result from modelling 

In Ansys – Fluent package software, use function Reports – Forces – select Wall Zone is 

blade as figure below 

 

Figure 27 Function Force Reports in Fluent 

 

With the results of modelling, we calculate Fr from 

22

zyr FFF   (18) 

The radial force of modelling is shown in Table 6: 

Table 6 Radial forces loads on blade 

Q Q Fy Fz Fr 

[1] [dm
3
.s

-1
] [N] [N] [N] 

0.01 0.10 -496.88 -22.28 497.38* 

0.04 0.30 -466.40 7.27 466.46* 

0.07 0.50 -445.02 6.91 445.08* 

0.14 1.00 -424.13 13.12 424.33* 

0.21 1.50 -397.18 13.53 397.41* 

0.29 2.00 -374.21 22.39 374.88* 

0.43 3.00 -333.75 5.01 333.79* 

0.57 4.00 -284.42 4.18 284.45* 

0.71 5.00 -215.68 15.18 216.22* 

0.86 6.00 -137.87 10.87 138.30* 
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1.00 7.00 -69.39 28.35 74.96* 

1.29 9.00 130.31 52.77 140.58** 

1.57 11.00 333.25 98.08 347.38** 

1.86 13.00 267.73 121.42 293.98** 

2.00 14.00 269.60 167.35 317.32** 

* average value in 0.009s (two fifth shaft revolution) 

** value at time 0.54s 

The value and direction of radial forces change with the different flow rate. The radial force is 

shown on surface (y,z). With Q < Qo, the radial force is act upon diffuser, with Q > Qo, the radial 

force is back again. The radial force is smallest with Q = Qo 

 

Figure 28 Layout of radial force [N] 

7.3. Comparison with empirical formulas 

The comparison of results with the mathematical model has the empirical formula is needed. 

Based on the empirical formula has been published by authors such as: Stepanoof (1957), Biheller 

(1965), Agostinelli (1960), Mackay and KBS Pumps company. 
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Figure 29 Comparison of result obtained by numerical modelling with result obtained from 
empirical formulas 

 

Results of numerical modelling were compared with values obtained from empirical formulas. 

The results are close to those predicted by Biheller and Mackay. Stepanoff’s equation gives higher 

values then others, but this can contribute to the safety of the shaft design. The most adequate is 

Biheller’s equation for calculation of static component of the radial forces.  

The benefit of numerical modelling is shown the value and direction of the (total) radial forces. 
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8. Axial force 

Axial force of pump is result from hydrodynamic loading on all wetted surfaces of the impeller. 

The net thrust can be minimized by carefully optimizing pressure distributions within the rotor side 

spaces. 

8.1. Introduction 

For reasons of mechanical design, axial clearances are required between the shrouds of a 

closed impeller and the casing (impeller sidewall gaps). Width and shape of the resulting liquid-filled 

spaces between impeller and casing are essentially determined by aspects of the mechanical 

design. The fluid contained in the impeller sidewall gaps cannot be at rest when the impeller rotates: 

immediately at the shroud the fluid adheres to the solid wall and has thus the velocity rcu   . A 

boundary layer is formed in which the tangential velocity drops with increasing distance from the 

shroud. The fluid also adheres to the casing wall where the velocity is zero 0uc . The velocity 

increases in the casing wall boundary layer, Figure 30. 

 

Figure 30 Velocity distribution in the impeller side gaps [18] 
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Figure 31 Pressure distribution and axial forces on impeller of a single-stage pump [34] 

8.2. Numerical simulation 

The new numerical modelling was applied with more three parts (back-plate, hub-leakage, 

shroud-leakage) then we have total 6 volumes (back-plate, hub-leakage, shroud-leakage, inlet, 

impeller, diffuser) volumes with 12 interfaces [41]. ANSYS FLUENT 13.0 was applied for numerical 

modelling of flow through a pump. 

 
Table 7 Three overviews of geometry for calculation of axial force 

  

 

6 volumes (6 cell zones): inlet (pink), 

diffuser (red), backplate (cyan), hubleakage 

(green), shourdleakage (blue) and impeller 

12 interfaces 

4372347 cells 

9668536 faces (55 face zones) 

1252600 nodes 

4 partitions 
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Nearly boundary (interface between impeller and volute), these cells must be smaller than 

other. The liquid flows from inlet, through all parts to outflow shown in Figure 32 below. 

 
Figure 32 Overview of liquid in pump 

from inlet to outflow 

 
Figure 33 Detail of the computational grid 

 

8.3. Results 

In the case of steady solution, the precision of residuals was set to 10
-5

 for continuity and to 

10
-4 

(x-velocity, y-velocity, z-velocity, k, and omega). The number of iterations reached 22000 in case 

Q = Q0, The number of iteration was significantly lower for the flow rates above the Q0 i.e. 9, 10, and 

11 [dm
3
.s

-1
]. On the contrary, it was difficult to obtain converged solution for low values of the flow 

rate.  

The convergence of the solution was controlled through the axial force monitoring. It can be 

observed that the axial force is increasing with number of iteration but after about 20000 of iterations 

it remains constant. 

 

Figure 34 Axial force in steady case, Q = Qo 
 

 
The positive value of x direction is shown in the Figure 35. The axial force is acting in the 

opposite direction and has negative value. 
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Figure 35 Direction with positive value of axial forces 

 

Time dependent solution was carried out for the similar values of the flow rate to obtain 

comparison with the steady prediction. Time step was constant and set to 0.0001s, “Max 

Iteration/Time Step” was 20 for all values of the flow rate (from 1 dm
3
.s

-1
 to 11 dm

3
.s

-1
). “Number of 

Time Steps” reached 2000 in case Q = Qo.  

During the one shaft revolution the oscillation of the axial force can be observed, 

corresponding to the pressure oscillations (see Figure 38).  

 

Figure 36 Axial force in unsteady case, Q = Qo = 7 dm
3
.s

-1
 

 

One shaft revolution 
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Figure 37 Static Pressure on outflow in case unsteady, Q = Qo 

From Figure 36 and Figure 37, we can derive the difference time for maximum and minimum 

of axial force and static pressure, which is presented in the table and figure below. 

Table 8 Difference time between max and min of axial force and static pressure 

Time 
Difference 

time 
Max axial force 
(absolute value) 

Max static 
pressure 

Min axial force 
(absolute value) 

Min static 
pressure 

[s] [s] [N] [Pa] [N] [Pa] 

0.2022 

0.0004 

 879057.1   

0.2026 6425.633    

0.2035 

0.0003 

   805470.9 

0.2038   6330.63  

 

 
Figure 38 Axial force on impeller and static pressure at outflow in case Q = Qo 
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The position of blades in case of axial force and static pressure maximum and minimum is 

presented in Figure 39 to Figure 42. 

 

Figure 39 The position of blades in case of 
maximal static pressure at outflow 

 

Figure 40 The position of blades in case of 
maximal axial force 

 

Figure 41 The position of blades in case of 
minimal static pressure at outflow 

 

Figure 42 The position of blades in case of 
minimum axial force 

 

8.4. Comparison with empirical formulas 

The comparison of results with the mathematical model has the empirical formula is needed. 

Based on the empirical formula has been published by authors such as: Oldřick Strýček (1994), 

Johann Friedrich Gülich (1999). 
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Figure 43 Comparison of results obtained by numerical modelling with result obtained from 
empirical formulas 

8.5. Head and efficiency with new model 

Also, use this model, with predicted values: general moment, inlet pressure and outlet 

pressure, the efficiency of new model (six_parts_simulation) has been evaluated and compared with 

old model (three_parts_simulation) in Chapter 6. 

 
Figure 44 Comparison of Q~H curve 
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Figure 45 Comparison of efficiency 
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9. Conclusion 

Analysis of the fluid flow inside operating area of the centrifugal pump is a difficult problem, 

and more difficult in case of the pump with low specific speed. This thesis deals with numerical 

modelling of flow inside the impeller from inlet through the volute to outlet. Based on real impeller 

designed at VUT-Brno, different geometry and meshes have been design in Gambit and then used 

for the calculations in Fluent. 

The calculation used model k-ε and k-ω and two methods of rotor modelling: Moving 

Reference Frame and Moving Mesh. The method MRF provides only stationary solution of values, 

but the Moving Mesh approach shows time variation of them and enables to account for interaction 

of impeller and volute. Comparing with the experimental data and the other available numerical 

results, the current method is reliable enough to be utilized as a general approach to treat complex 

turbulent flow encountered in engineering. 

This work had following objectives that are given in their time order:  

 evaluation of different approaches to rotor-stator interaction modelling 

 evaluation of the influence of computational grid quality 

 determination of Q~H curve and its stability 

 determination of Q~ curve  

 prediction of the radial force in centrifugal pump 

 prediction of the axial force in centrifugal pump 

 comparison of experimental results with the results obtained with numerical simulation 

 application of various methods of post processing (concerning efficiency) 

 investigation of the mathematical model's restrictions. 

Both steady and unsteady cases were modelled. Both approaches have their advantages as 

well as limitations. Using the steady solution based on Moving Reference Frame, average values of 

variables describing the flow in a pump can be obtained. This method allows obtaining quick 

estimation of pump parameters and in many practical cases it is sufficient.  For unsteady solution we 

must record the result on one round or one fifth round, because the impeller has five blades. The 

simulation is time demanding and also more time for data processing is required. On the other hand 

the dynamic behaviour and interaction between the impeller and volute can be investigated. 

Most of the calculation was performed on simplified geometry consisting only of three parts: 

intake, impeller and volute. Using this approach, performance curves can be evaluated with 

limitations. This concerns mainly the input and efficiency. In this case only hydraulic losses are 

included in the model, while volumetric and disk losses are not accounted for. Two different grids 

were tested, one consisting of 233 259 cells (non-conformal grid) and the second one with refined 

boundary layer with 802 555 cells (conformal grid). For both grids the calculated H-Q curves were 

nearly the same, but the head was over predicted for both grids when compared with measurement. 

After adaption of the conformal mesh to 1 028 416 cells better agreement with experimental 

measurement was achieved.  
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One of the first objectives was to predict the stability of Q~H curve for the given pump. This 

objective is very difficult to reach. For low values of flow rate the calculation is accompanied with 

inaccuracy and in many cases it is not possible to obtain converged solution. The results are 

dependent on applied model of turbulence as well as the grid quality. From time dependent solution 

oscillation of parameters can be observed that reach maximum for values of flow rate converging to 

zero. It can be stated that in this case numerical modelling is not enough reliable to prove Q~H curve 

stability. 

For the prediction of pump efficiency several approaches can be applied. Most common is 

evaluation of torque (moment) resulting from the forces acting on the rotor. This approach was 

applied both on reduced geometry consisting only of three main parts (intake, impeller and volute) as 

well as on geometry including also the pump casing. In the first case only hydraulic losses can be 

modelled, which results in prediction of hydraulic efficiency only.  With pump casing, also volumetric 

losses and disc losses are accounted for, which increases the accuracy of efficiency prediction.  

Within this work also another approach of efficiency prediction was tested which is based on 

the estimation of dissipation function. Fluent enables to evaluate the strain rate and to define 

dissipation function using the custom field function. The investigation was made for intake, impeller 

and volute and the dissipative output was determined in dependence on the flow rate. The observed 

trends in dissipative output variation on the flow rate correspond well to reality, but the calculated 

values are very low. In the definition of dissipation function dynamic (laminar) viscosity is accounted 

for, while the flow in a pump is turbulent. Turbulent viscosity is very important in such case, but its 

prediction depends on applied turbulent model. Beside this, also the grid quality is important, 

especially at the boundary layer.  

In the case of radial force prediction numerical modelling can be applied as a tool with 

reasonable accuracy. While the radial forces can be determined using the simplified geometry 

(without pump casing), the axial forces are governed by the flow through the impeller sidewall gaps 

and thus require complex geometry definition. Results from unsteady numerical modelling show the 

oscillation of radial forces and enable to determine the mean load, magnitude and direction of these 

forces. Radial force is expected to reach its minimum in BEP. This was not confirmed by numerical 

modelling as minimal values of these forces were predicted behind BEP.   

Axial force acting on the rotor was predicted from both steady and unsteady solution carried 

out on the complex geometry including the pump casing. The results obtained by numerical 

modelling were compared with those calculated with empirical formulas. The highest values were 

reached with unsteady solution. Steady solution predicted lower values, but in both cases the values 

were higher in comparison with results obtained with empirical formulas.  

Empirical formulas are useful for determination of static component of the radial force and 

axial force. The value of dynamic load is higher and this fact must be accepted during the design of 

impeller shaft. Experimental and numerical approaches contributed to the understanding of the 

highly complex flow interaction that occurs in a centrifugal pump. Results from numerical modelling 

show the oscillation of these forces and enable to determine the mean load, magnitude and direction 

of these forces. 
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These forces are expected to reach its minimum in BEP. This was not confirmed by numerical 

modelling as the minimal values of these forces were predicted behind BEP. Further numerical 

experiments are required to increase the accuracy of these forces prediction. There are others 

questions which can be tested for example influence of computational grid and applied turbulence 

model. 

The data obtained by numerical modelling were partly compared with results from 

measurement. From the measurement carried out by Sigma Lutín group Q~H curve, Q~P and Q~eta 

curve were available.  

From the calculations it can be concluded that unsteady cases required long time calculation 

but gave more accurate results than steady solution. For the flow rates near BEP, the results are 

almost the same for both steady and unsteady solution, but at the point near zero and the point with 

higher flow rate, the results of unsteady cases are in better agreement with experiment than the 

steady cases. 

Limitations of pump efficiency were discussed in the above text. Using only the simplified 

geometry without casing, only hydraulic efficiency can be predicted and compared with experiment. 

Definition of complex geometry with pump casing enables to account also for the disk losses and 

volumetric losses. So in this case more accurate prediction of efficiency can be obtained. In both 

cases (simplified and complex geometry), the best agreement with experiment was reached near 

BEP, while for small flow rates and flow rates behind BEP the prediction was less accurate.  

Beside the calculations, also the data post processing and evaluation becomes very 

important, especially in case of time dependent solution. Graphics tools available in FLUENT allow 

us to process the information contained in our CFD solution and easily view the results. 

In FLUENT we can generate graphics displays showing grids, contours, profiles, vectors, and 

path lines. Some graphics are generated using variables that are plotted directly from the FLUENT 

data file once the file has been read. The variables listed in the data file depend on the models 

active at the time the file is written. Variables that are required by the solver, based on the current 

model settings, but are missing from the data file, are set to their default values. Tools are available 

for creating videos from FLUENT. 

Post processing of time dependent simulation is more demanding than in case of steady 

solution. The calculated values of variables have to be saved in time for one shaft revolution or at 

least for one fifth shaft revolution. From the data series the oscillation of variables can be observed 

and the maximum, the minimum and the average value in time can be processed for comparisons or 

use for next calculation. In radial force evaluation also its direction becomes important besides its 

amplitude. That is why we need calculate the averaged quantity and averaged direction then show 

the average force acting on time period. The forces and momentum can be evaluated via monitoring. 

Monitoring enables to save the convergence history of forces and momentum and to save the data 

in an external file for further processing. Beside this, the Data Sampling for Time Statistics option is 

available in Fluent which enables to compute the time average (mean) of the instantaneous values 

and root-mean-squares of the fluctuating values sampled during the calculation.  
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Development of computer technique and simulation software encourages to model complex 

fluid flow phenomena including the pump flow.  This approach brings many benefits but also implies 

restrictions. Care must be taken from the beginning of the precise geometry definition and control of 

the grid quality.  The number of computational cells is up till now the limiting factor, however it is 

possible to solve the grids consisting of millions cells. The pump geometry includes spacious 

channels as well as narrow gaps (sealing rings). This leads to problems in grid generation and 

transition from the very fine grid in gaps to the course grid in the main pump parts. Generation of 

boundary layers on blades contributes to extreme increase of number of cells. 

Another limitation is connected with the choice of the turbulence model. There is not any 

unique model suitable for pump flow. From the literature and experience the most recommended 

model for rotating flows is k- model of turbulence, but its application requires quite fine grid.  

Nowadays the objective of pump designers is focused mainly on the Q~H curve stability and 

efficiency increase. The precision of numerical simulation often decreases in case of low flow rates 

and it is difficult to obtain converged solution. So the prediction of Q~H curve stability becomes 

problematic. Same conclusion can be done in case of efficiency. It can be stated that the best 

agreement with experimental data is reached in BEP, which was expected. 

Beside all these restrictions, numerical modelling brings a deep insight into the pump flow and 

helps to evaluate pump characteristics and propose the improvements in hydraulic solution of the 

main pump parts.  
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